
Enhancement of liquid forced convection heat transfer in
microchannels due to the release of dissolved

noncondensables

T.M. Adams, S.M. Ghiaasiaan*, S.I. Abdel-Khalik

G. W. Woodru� School of Mechanical Engineering, Georgia Institute of Technology, Atlanta, GA 30332-0405, USA

Received 8 October 1998; received in revised form 4 January 1999

Abstract

An experimental investigation addressing the e�ect of the release of dissolved noncondensables on the heat
transfer in a long, heated microchannel subject to subcooled liquid forced convection was conducted. The
convection heat transfer coe�cients near the exit of a copper microchannel with 0.76 mm inner diameter and 16 cm

heated length, subject to forced-¯ow cooling by subcooled water, were measured. The range of experimental
parameters were: wall heat ¯ux=0.5±2.5 MW/m2; liquid velocity=2.07 to 8.53 m/s; channel exit pressure=5.9 bar.
Experiments were performed with degassed water and water saturated with air.
The convection heat transfer coe�cients obtained with degassed water were systematically under predicted by the

widely-used Dittus±Boelter correlation for turbulent pipe ¯ow. The presence of dissolved air in water could increase
the heat transfer coe�cients by as much as 17%, despite the fact that the maximum increase in the coolant velocity
due to the noncondensable gas release was only a few percent. The heat transfer enhancement increased with

increasing the heat ¯ux and decreasing the liquid velocity. # 1999 Elsevier Science Ltd. All rights reserved.
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1. Introduction

Microchannels with DH1O (1 mm) are utilized in a
variety of applications, including micro-electronic cool-

ing, and miniature refrigeration and heat exchanger
systems. The characteristic length scales in these micro-
channels are typically orders of magnitude larger than

the ¯uid molecular mean free path. They, therefore, do
represent microscale transport characteristics [1] and

their laminar ¯ow phenomena are well-predicted by
continuum theoretical models [2,3]. The hydrodynamic
and heat transfer processes associated with turbulent
¯ow in microchannels, however, are known to be

di�erent from large channels and are poorly under-
stood. The disagreement between turbulent character-
istics of microchannels with known characteristics of

turbulent ¯ow in larger channels has been attributed
by some investigators to the possibility that the pre-
dominant turbulent eddies in microchannels may have

characteristic lengths of the order of the microchannel
diameters [4]. Well-known correlations for turbulent
friction factor and convection heat transfer appear to
do poorly when applied to microchannels [5±8]. The

available experimental data are inconsistent with
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respect to the major trends, however. Some recent in-
vestigations indicate that the turbulent wall friction

factors in smooth microchannels are lower than the
predictions of widely-used correlations [8,9] and this
observation is consistent with the aforementioned

argument regarding the suppression of turbulent eddies

due to the small channel characteristic dimension [4].
With regards to convection heat transfer, however, the

available data are inconsistent. Some investigators
have observed that the widely-used turbulent forced
convection heat transfer correlations under predict the

heat transfer in microchannels [5±6], while others have

Nomenclature

Aw wall cross-sectional area [m2]
CPL speci®c heat of liquid [J/kg K]
CHe Henry's coe�cient [Pa]

D channel diameter [m]
DH hydraulic diameter [m]
G mass ¯ux [kg/m2 s]

g gravitational acceleration [m/s2]
h convection heat transfer coe�cient [W/m2 K]
hÃ speci®c enthalpy [J/kg]

Kex test section exit loss coe�cient
k thermal conductivity [W/m K]
L channel length [m]
M molecular mass [kg/k-mole]

mÇL liquid mass ¯ow rate [kg/s]
Nu Nusselt number (=hD/k )
P pressure [Pa]

Pr Prandtl number (=mCp/k )
q0 wall heat ¯ux [W/m2]
Rn noncondensable gas constant [N m/kg K]

Re Reynolds number
T temperature [K]
X noncondensable mole fraction

x noncondensable mass fraction
z axial coordinate [m]

Greek symbols
a void fraction

y angle of inclination with respect to the horizontal plane [R]
m dynamic viscosity [kg/ms]
x dimensionless parameter representing disequilibrium

FL0 two-phase multiplier
r density [kg/m3]

Subscripts
G vapor±noncondensable gas mixture

h homogeneous
in channel inlet
n noncondensable

sat saturation
TP two-phase
v vapor
w wall

1 axial location of thermocouples near channel inlet
2 axial location of thermocouples near channel exit
1, 2 downstream of the test section exit
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reported the opposite [7]. Direct experimental measure-
ment of microchannel turbulent characteristics, e.g.,
the turbulent velocity pro®les, are evidently needed.

An issue related to the forced ¯ow of liquids in
microchannels, which is often of negligible conse-
quence in large channels, is the impact of the noncon-

densables dissolved in the liquid. Dissolved
noncondensables usually undergo little release in large
channels. In microchannels, however, due to the typi-
cally large axial pressure gradients, signi®cant de-

sorption of dissolved noncondensables may take place,
leading to the development of a gas±liquid two-phase
¯ow with enhanced velocity and convection heat trans-

fer characteristics.
The gas±liquid two-phase forced convection heat

transfer has been studied in the past rather extensively,

as reviewed in [10,11]. More recent studies include
[12,13]. The bulk of the previous studies, however,
dealt with the developed ¯ow of a liquid±gas mixture,

where the velocity enhancement in the liquid due to
mixing with the gas augmented the convection heat
transfer. In fully-developed two-phase ¯ow, however,

the enhancement is modest for small void fractions
[10,11]. More signi®cant enhancement is observed at
low liquid velocities and when the gas is injected

through the channel wall. The gas injection through
the wall, which has some similarity with the noncon-
densable gas release into bubbles nucleating on channel
wall crevices [14], disrupts the boundary layer and aug-

ments turbulence, both of which contribute to the
enhancement of convection heat transfer.
In a recent study, Adams et al. [15] analytically

assessed the impact of the desorption of dissolved
nitrogen and argon in water on the ¯ow phenomena in
heated microchannels with D=O (0.1±1 mm), and

L=D � 200, using a homogeneous-equilibrium model.
Their results indicated that signi®cant voidage can
develop in microchannels while the liquid ¯owing in

Fig. 1. The test loop.
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them is subcooled, in particular under low liquid ¯ow

rate and high heat ¯ux conditions.

In this paper we report on an experimental study of

the impact of dissolved noncondensables on convective

heat transfer in a heated microchannel subject to sub-

cooled liquid forced ¯ow. Experiments are performed

in a uniformly-heated channel 0.76 mm in diameter

and with 16-cm heated length, using degassed water

and water saturated with air at the inlet to the test sec-

tion. The convection heat transfer enhancement at the

test section exit due to the presence of the dissolved

noncondensables is quanti®ed and its dependence on

¯ow and system parameters is examined. The two-

phase ¯ow parameters resulting from the release of the

dissolved noncondensables are calculated using solu-
bility and equilibrium limit characteristics. It is argued

that the existing correlations for gas±liquid forced con-
vection heat transfer signi®cantly underestimate the
heat transfer enhancement that results from the non-

condensable release, indicating the need for further sys-
tematic studies.

2. Experimental

Fig. 1 is a schematic of the main experimental test
loop. Important hardware (items labeled with letters)

and instrumentation (items labeled numerically) are
listed in Table 1. The ¯ow loop is a ¯exible system for
experiments on various aspects of microchannel ther-

mal-hydraulics.
The test loop includes two parallel lines, one includ-

ing the test section and the other providing a low re-

sistance bypass. Water ¯ow rates over a wide range
can be provided using three di�erent pumps, A, B1

and B2 and ¯ow rates through the test section and the
bypass lines can be ®nely controlled using the throttle

valves D1 and E. In the experiments reported here,
however, the bypass line was isolated by maintaining
valve E closed.

Details of the test section are displayed in Fig. 2.
The test section inner diameter was 0.76 mm, and was
constructed from free-machining copper (tellurium

copper, C 14500), using the EDM machining technique
with extreme care to ensure accurate dimensions. The
surface roughness and diameter of the test section were

measured by cutting separate manufactured samples
and placing them in a pro®lemeter. The mean surface
roughness was 2 mm and the estimated standard devi-
ation representing the uncertainty in channel diameter

was only 2.5 mm. Heat input to the test section was
provided by an insulated 20 AWG (0.89 mm outer di-
ameter) NiChrome wire wrapped helically around the

test section in a tight fashion, at 20 turns per 2.5 cm.
Six Type E stainless steel-sheathed thermocouples

were installed in the test section. Three thermocouples

were rigidly inserted, 1208 apart, to a depth of 0.25 mm
from the inner channel wall, at an axial location
4.25 cm from the test section inlet (1.25 cm from the
inlet to the heated segment). Another three thermo-

couples were inserted in an identical fashion at 4.25 cm
from the test section exit (1.25 cm from the exit of the
heated segment). The axial locations of these two

groups of thermocouples will be referred to as z1 and
z2, respectively. Using these thermocouple readings,
the test section inner wall temperatures at z1 and z2
could be calculated based on one-dimensional radial
conduction. Axial conduction is insigni®cant when
[16]:

Table 1

Experimental system hardware components

Part letter Name of part

A Centrifugal pump

B1 Seepex positive displacement pump

B2 Micropump positive displacement pump

C Pump exit ball valves

D1 System ¯ow control throttling valve

D2 Test section inlet metering valve

E Bypass control throttling valve

F Test section in-line heater

G 208 VAC power supply

H Variac

I1 Test section counter ¯ow heat exchanger

I2 Counter ¯ow heat exchanger

J Pressure operated relief valve

K Manually operated relief valve

L Nitrogen cylinder

M Te¯on bellows accumulator

N Dissolved oxygen sensor housing

O Three way valves

P Tank isolation ball valves

Q Supply water inlet port valve

R Peristaltic pump relief valve

S Degassing/feed water tank

T Noncondensable catching vertical column

U Degassing tank relief valve

V Saturation tank

W Saturation tank relief valve

X Vertical ®lter column

Y Compressed air cylinder

Z Recirculation pump

1 Rotameter

2 Rotameter

3 Liquid ¯ow transducer

4 Liquid ¯ow transducer

5 Pressure transducer

6 Di� pressure transducer

7 Thermocouple

8 Thermocouple

9 Wattmeter

10 Dissolved oxygen probe
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<0:005 �1�

For our test section the magnitude of the above par-
ameter is about 0.0045. Heat losses due to conduction

through the test section ends were also estimated, and
were found to be negligible.
The test section depicted in Fig. 2 was attached to

tubes with approximately 7.1 mm inner diameters at
both ends. Using pressure transducers with 23.4 kPa
accuracy, the pressures at the inlet and outlet of the
test section and at the suction of the pump, were all

measured. In addition, a di�erential pressure trans-
ducer measured the pressure drop across the test sec-
tion. The pressure taps were all connected to the afore-

mentioned 7.1 mm diameter tubes near the test section
entrance and exit. All experiments were performed
under steady-state conditions. The test section exit

pressure and inlet temperature were maintained con-
stant in all the tests at 59025 kPa and 5021.58C, re-
spectively. More details can be found in [17].

3. Analysis

The convection heat transfer coe�cient at z2, corre-
sponding to the location of the thermocouples near the
exit of the test section (see Fig. 2) can be found from:

h2 � q0
Tw2 ÿ TL2

�2�

The state of the coolant ¯uid at z2, furthermore, can

be calculated from an energy balance on the test sec-
tion:

G

24 ĥ� G 2

2r2

!
2

ÿ
 
ĥ� G 2

2r2

!
in

35 � 4q0
D
�z2 ÿ zm� �3�

In experiments with degassed water hÃ=hÃL and r=rL
everywhere, with hÃL and rL representing the local
liquid properties, and Eq. (3) can be solved for hÃL,2.
(Note that the dependence of rL on hÃL, and from there

Fig. 2. The test section.
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on TL, is considered.) From there TL2 can be readily
calculated.

To obtain the ¯uid state at z2 when noncondensable
release takes place, the following assumptions are
made: (1) the concentration of the noncondensable in

the liquid is small such that the liquid properties are
not a�ected by the presence of the noncondensable; (2)
the e�ect of the noncondensable heat of desorption is

negligible; (3) the gas pockets (bubbles) formed due to
the release of the noncondensable are everywhere satu-
rated with respect to vapor concentration; (4) the non-

condensable is an ideal gas; and (5) the two-phase ¯ow
resulting from the release of the noncondensable gas is
in a homogeneous-equilibrium state everywhere.
Assumptions 1 and 2 are appropriate due to the very

small solubility in water of noncondensables of interest
here. Assumption 3 represents an upper estimate of the
evaporation that accompanies the release of the dis-

solved noncondensables. Assumption 4 is evidently
reasonable. Assumption 5 is based on the relatively
extensive experimental observations regarding gas±

liquid two-phase ¯ow in microchannels, where in unse-
parated (bubbly, slug and churn) ¯ow regimes the gas±
liquid slip velocity is suppressed by surface tension

[18,19]. Although the two-phase ¯ow regimes were not
directly observed in this study, based on the magnitude
of phasic super®cial velocities, the two-phase ¯ow pat-
terns are believed to have been bubbly in all cases.

The noncondensable species mass and the mixture
energy conservation equations can then be written as
[15]:

d

dz

�
G

rh

�rL�1ÿ a�xL � rna�
�
� 0 �4�

d

dz

(
2

rh

"
rL�1ÿ a�ĥL � rvaĥv � G 2

2rh

#)

� ÿGg sin y� 4q0
D

�5�

where

rh � arG � �1ÿ a�rL �6�

rG � rv � �Pÿ Psat��T �=�RnT � �7�

The noncondensable mole fraction in the liquid is rep-
resented as:

XL � Pÿ Psat

CHex
�8�

where 0ExE1 is a parameter that represents the non-
equilibrium between the gas and liquid phases with
respect to the concentration of the noncondensable.

With x=1, Eq. (8) represents Henry's law and implies
equilibrium. Therefore, x=1 is an upper limit with

respect to the release of noncondensables. Since typi-
cally XLW1, Eq. (8) can be manipulated to get:

xL � Mn

XLMn � �1ÿ XL�Mv

XL1Mn

Mv

Pÿ Psat

CHex
�9�

Using the above relations, Eqs. (4) and (5) can be inte-
grated from zin to z2 to get:

1

rhz

�
rL�1ÿ a�Mn

Mv

Pÿ Psat

CHex
� a

Pÿ Psat

RnTL

�
2

� xL,in �10�

(
G

rh

"
rL�1ÿ a�ĥL � rvaĥv � G 2

2rh

#)
2

ÿ G

"
hL � G 2

2r2L

#
in

� 4q0
D
�z2 ÿ zin�

�11�

Knowing the pressures at the channel inlet and at z2
(from pressure measurements, assuming a linear press-
ure distribution) and utilizing appropriate property
tables, Eqs. (10) and (11) can be iteratively solved for

a2 and TL,2.
As mentioned in Section 2, pressure measurements

were made at locations immediately upstream and

downstream of the test section inlet and exit (Fig. 2).
The pressure at the test section exit, Pex, is related to
the pressure downstream of the test section exit, P1,2,
according to:

Pex � P1,2 � �Kex ÿ 1� G 2

2rL,ex

FL0 �12�

However, since Kex1 1 for an in®nitely large ¯ow area
expansion [20], Pex 1 P1,2. Also, note that no correc-

tion for the inlet pressure loss is needed, since xL,in in
Eq. (10) represents the known noncondensable mass
fraction at inlet, and [hL+G 2/2rL]in represents the

stagnation enthalpy of the ¯uid at inlet, which is equal
to the stagnation enthalpy of the ¯uid before it enters
the test section, and is not a�ected by the entrance
pressure loss.

With noncondensables present, the convection heat
transfer coe�cient can be calculated from Eq. (2) in
two ways: by using TL,2 found from Eq. (3), i.e., based

on an energy balance which neglects the nonconden-
sable release; or by using T2 provided by Eqs. (10) and
(11). For the results presented in this paper, however,

the di�erence between the two methods was negligible.
Values of CHe as a function of temperature were
obtained from [21].
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4. Results and discussion

Experiments were performed at three di�erent heat
¯uxes: 0.5, 1.5 and 2.5 MW/m2. For each heat ¯ux a

large number of tests were carried out covering chan-
nel mass ¯uxes in the 1998 to 8352 kg/m2 s range, cor-

responding to ReL=5000±23,000, with ReL=GD/mL.
In all the tests, the water temperature at inlet to the
test section was 5021.58C and the pressure at the test
section exit was 59025 kPa.

The experimental Nusselt numbers representing the
axial location z2 for q0=0.5, 1.5 and 2.5 W/m2 are

Fig. 3. The enhancement in NuL,2 due to the presence of dissolved air.

Fig. 4. Bulk liquid subcooling at z2.
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depicted in Fig. 3, as a function of ReL. For the three
depicted heat ¯uxes the experiments covered di�erent

mass ¯ux ranges. This was necessary in view of the
similar liquid temperature variations among the three
sets of experiments. The depicted results, while indicat-

ing that the dissolved air generally enhances the con-

vection heat transfer coe�cient, also show that the
level of enhancement depends on the mass ¯ux (or

ReL), as well as on the imposed heat ¯ux, q0. These
trends in fact represent the dependence of the results
on the pressure drop and the increase of the liquid

temperature in the test section. They can therefore be

Fig. 5. Void fraction at z2 caused by the air desorption.

Fig. 6. Variation of (Nu/Pr )L,2 with ReL for degassed water.
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better understood by examining Figs. 4 and 5, which

depict the variations of local bulk liquid subcooling,

Tsat ÿ TL, and void fraction, a, at z2, as functions of
ReL. Since the water at inlet to the test section is ap-

proximately saturated with air, a reduction of pressure

and an increase in temperature of the liquid both lead

to the release of the dissolved air. This is because the

solubility of air in water increases with increasing the

pressure and decreasing the temperature. The e�ect of

the temperature increase is by far more signi®cant in

the depicted results, however. As the mass ¯ux (or
equivalently ReL) is increased, the ¯uid temperature

variation in the test section is decreased, leading to

lower noncondensable release at z2. The void fractions

depicted in Fig. 5 were calculated with x=0.5, 0.75

and 1 and support the aforementioned explanation.

The magnitude of the void fraction is of course sensi-

tive to x, and x=1, which represents equilibrium

between the liquid and gas phases with respect to the

concentration of air, provides the upper limit for void
fraction. With q0=0.5 MW/m2, due to the relatively

small liquid velocities, the pressure drops in the test

section were small, and led to insigni®cant nonconden-

sable release. The presence of dissolved air in exper-

iments with q0=0.5 MW/m2 thus caused negligible

enhancement in the convection heat transfer coe�-

cients. The sharp increase in a at low ReL is a result of

approaching the saturation temperature of the liquid,
which leads to signi®cant evaporation. The experimen-

tal NuL/Pr
0.4
L values at z2, obtained with degassed

water, are depicted in Fig. 6 as a function of ReL,

where the predictions of the Dittus and Boelter corre-
lation [22] are also displayed. Evidently the correlation
under predicts the data systematically and signi®cantly.

This is consistent with previously reported experimen-
tal observations [5,6], and con®rms that the turbulence
characteristics in microchannels may be signi®cantly

di�erent than in larger channels.
The variations of the heat transfer coe�cient (or

Nusselt number) enhancements caused by the presence

of dissolved air, as a function of the void fraction at
z2, are depicted in Fig. 7. Forced convection in two-
component two-phase ¯ow has been extensively stu-
died in the past, as reviewed in [10±13]. The wall heat

transfer, like all other important thermal-hydraulic
processes, is a strong function of the two-phase ¯ow
regime. Furthermore, in developing ¯ow situations

with gas injection it strongly depends on the gas injec-
tion method. In our experiments, in view of the low
void fractions and based on the existing experimental

data dealing with the two-phase ¯ow regimes in micro-
channels [18,19], dispersed bubbly ¯ow appears to be
the only feasible two-phase ¯ow regime. In a developed

bubbly ¯ow regime heat convection between the wall
and the liquid is the predominant heat transfer mech-
anism and consequently [10,11]:

NuTP=NuL1�1ÿ a�ÿn �13�

where n represents the power of Reynolds number in
the appropriate single-phase forced convection corre-
lation Nu=f(Re, Pr ). Eq. (13), as noted in Fig. 7, is

Fig. 7. The enhancement in NuL,2 caused by the desorption of air as a function of the maximum void fraction at z2.
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utterly inadequate for our experimental results. The
results of our experiments clearly show that the

increase in the coolant velocity is not the predominant
heat transfer enhancement mechanism associated with
the release of dissolved noncondensables. The heat

transfer enhancement is likely to be, at least partially,
due to the formation and release of small bubbles on
the channel walls. Experimental studies in the past

have indicated that the injection of a gas through
channel walls into liquid can enhance heat transfer
rather signi®cantly [23,24]. This heat transfer augmen-

tation is primarily due to the disruption of the thermal
boundary layer and the generation/augmentation of
local turbulence. The formation and release of gas
bubbles due to the desorption of noncondensables on

channel walls may resemble the formation and release
of vapor bubbles in nucleate boiling, where the gener-
ated bubbles enhance the wall-¯uid sensible heat trans-

fer [25,26]. The clari®cation of the heat transfer
mechanism in microchannels caused by the release of
dissolved gases evidently needs more systematic exper-

imental studies.

5. Conclusion

The impact of dissolved noncondensables on the

convection heat transfer coe�cient in microchannels
subject to subcooled forced-¯ow cooling was exper-
imentally studied. The experiments were carried out in

a uniformly heated copper microchannel 0.76 mm in
diameter and 16 cm in heated length, over the follow-
ing parameter ranges: velocity=2.07±8.53 m/s; wall

heat ¯ux=0.5±2.5 MW/m2; channel inlet press-
ure=600±886 kPa; channel exit pressure=590 kPa.
The impact of dissolved air was examined by perform-
ing similar experiments with degassed water and with

water saturated with air at the inlet to the test section.
The convection heat transfer coe�cients at a point
1.25 cm upstream from the exit of the heated segment

of the test section were measured in all the tests.
With degassed water, the measured heat transfer

coe�cients were monotonically and signi®cantly higher

than the predictions of widely-used correlations for
turbulent pipe ¯ow. The presence of dissolved air, fur-
thermore, increased the measured heat transfer coef-
®cients by as much as 17%. The enhancement in the

heat transfer coe�cient increased with increasing the
wall heat ¯ux and with decreasing the liquid mass ¯ux,
both of which lead to increasing the change in the

coolant temperature as it ¯ows in the heated channel.
The maximum void fraction in the channel resulting
from the desorption of the dissolved air, which was

calculated by assuming local equilibrium, was only a
few percent, however.
The mechanism responsible for the augmentation of

heat transfer resulting from the presence of noncon-
densables is not known and further investigations are

recommended.
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